Modern satellites are constructed of large, lightweight equipment panels that are strongly excited by acoustic pressures during launch. During design, performing vibroacoustic analyses to evaluate and ensure the integrity of the complex electronics mounted on the panels is critical. In this study the attached equipment is explicitly addressed and how its properties affect the panel responses is characterized. FEA and BEA methods are used to derive realistic parameters to input to a SEA hybrid model of a panel with multiple attachments. Specifically, conductance/modal density and radiation efficiency for nonhomogeneous panel structures with and without mass loading are computed. The validity of using the spatially averaged conductance of panels with irregular features for deriving the structure modal density is demonstrated. Maidanik's proposed method of modifying the traditional SEA input power is implemented, illustrating the importance of accounting for system internal couplings when calculating the external input power. The predictions using the SEA hybrid model agree with the measured data trends, and are found to be most sensitive to the assumed dynamic mass ratio ͑attachments/structure͒ and the attachment internal loss factor. Additional experimental and analytical investigations are recommended to better characterize dynamic masses, modal densities and loss factors.
I. INTRODUCTION
Over the past decade there has been significant renewed interest in mathematically describing and experimentally evaluating the effects of complex attachments on master structures. There have been many published works describing mostly theoretical research on the subject with applications primarily in the marine and aerospace industries. Examples have been cited by Soize, 1 where the response of a master structure was evaluated computationally considering its attachments as pure mass and its behavior compared to experimental results from the structure with complex ''structural fuzzy'' attachments. The two datasets compared well below about 250 Hz, but from 250 to 3000 Hz the complex structure response peaks were 10-20 dB below the simple predictions, which did not consider the dynamic characteristics of the attachments. As cited by Soize, 1 ''...the rates of dissipation which would correspond to such smoothing are much too high to allow this phenomenon to be explained by mechanical damping alone.'' Indeed, the potentially high levels of master structure-induced damping have recently been explored in numerous works on coupled systems. [2] [3] [4] In addition, recent satellite equipment panel damping measurements by Smith 5 made both in air and in vacuo clearly illustrate this effect. The results showed, for a single 1.6 kg electronics box mounted on a 650 mmϫ700 mm sandwich panel, an in vacuo loss factor value exceeding 0.03 at 1000 Hz. Smith summarizes: ''The box causes an increase in damping at all frequencies, and particularly at low frequencies where it is increased by a factor of ten.'' Based on Smith's results, one could anticipate that a fully loaded panel with many electronic components could reach levels of in situ or induced damping that far exceed this already high ͑with respect to inherent material damping͒ level of 0.03.
The effect of the attachments can be viewed as added impedance terms to the master structure primarily contributing both resistive ͑damping͒ effects as well as reactive ͑mass͒ effects. Previous researchers 6 have found that the ͑re-active͒ effect of the equipment is predominantly mass-like or inertial loading rather than local stiffening ͑although many of the equipment chassis are very stiff, they are attached to the panels via inserts embedded in the panels that have limited stiffness͒. This was concluded from observing that laser vibrometer obtained displacement contours are only slightly affected by the presence of the equipment. In addition, FEA evaluations modeling the equipment as mass correlated well with measured mode shapes. One could speculate that the added impedances could have significant resulting effects on the master structure's apparent mass, damping, and the total power injected from an external source.
These concepts are illustrated in Fig. 1 , which compares individual and spatially averaged acceleration measurements made on two ''identical'' satellite equipment panels: one having actual flight equipment ͑electronics͒ mounted on it and the second having the equipment represented with lumped mass ͑approximating in the test frequency rangea͒ Electronic mail: sconlon@sabine.acs.psu.edu nonresonant/very low modal density attachments͒. The panels are portions of one side of a large enclosed box-like satellite structure with the equipment mounted on the interior. Note that the subsequent analysis simulates this by assuming the panel to be simply supported and baffled with one-sided excitation ͑on the side without the equipment.͒ The response of these types of panels tends to be dominated by the direct acoustic excitation and the equipment response has been shown to be dominated by the panel vibration. This is true even when the equipment side of the panel is directly exposed to the external acoustic field. 6 The equipment loaded test panel is shown in Fig. 2 . Both test panels were excited by reverberant acoustic fields, with the response measurements shown normalized to the same input amplitude. As can be seen in Fig. 1͑c͒ , the two response spatial averages are nearly the same at low frequencies ͑below 100 Hz͒, where both sets of attachments are contributing mainly in a reactive sense or as a lumped mass addition. The mid-frequency range ͑ϳ100-400 Hz͒ shows varying degrees of difference between the measurements, where the flight equipment begins to resonate and the lumped mass simulators are still approximately ''nonresonant.'' At higher frequencies ͑Ͼ400 Hz͒ the two measurements rapidly diverge with that of the real equipment loaded panel being approximately 20 dB below that of the lumped mass loaded panel at 2000 Hz.
The data shown illustrates the significant effects on the panel responses due to the vibration characteristics of the attachments. Typical analytical modeling techniques would not address or account for these measured differences in response explicitly, since the equipment or attachments are often accounted for via estimations or ''guesses'' as to their induced damping effects and added mass to the master structure. Based on the measured data it is clear that more insight and better predictive/modeling techniques are required to explicitly account for how the complex equipment affects the master structure to which it is attached. In addition, explicit modeling of the attachments will allow the estimation and evaluation of their responses, which may be of utmost importance and can be quite different than the master structure response.
Many methods have been used for developing Statistical Energy Analysis ͑SEA͒ predictions of equipment-loaded panel responses. To model coupling between panels and acoustic spaces, the aerospace industry typically applies some form of panel radiation efficiency formulation based on work by Maidanik 7 on rib-stiffened ͑unloaded͒ panels. The equipment, which often has a total mass many times greater than the panel mass, is typically either smeared into the panel as limp mass and/or used for scaling down an unloaded structure response prediction. Thin plate formulations are often used for the panel wave properties and considering the typical sandwich panel designs used for space applications, this often leads to estimates that vary significantly from those considering panel transverse shear effects. The predictions based on these methods are often inconsistent with measured data, usually due to the mathematical models not encompassing the significant features of the problem at hand.
A large compendium of useful information related to the vibroacoustic characterization of satellite responses is presented in the European Space Agencies Structural Acoustics Design Manual. 8 The manual discusses the need for accounting for equipment-loading effects, but no clear systematic approach is presented. However, the manual does indicate that this area is not yet ''fully researched.''
The overall objective of this study is to develop improved procedures for the modeling and analysis of lightweight equipment-loaded panels. A critical aspect of the study will focus on explicitly addressing the panel nonhomogeneous features and attachments and developing methods that will predict the significant differences observed between the equipment versus mass loaded panels shown in Fig. 1 ͑20 dB at high frequencies͒. Industry standard methods do not explicitly address the nature of the attachments and thus cannot predict the significant differences shown in Fig. 1 . In addition, the standard methods use generalized procedures for estimating the vibration characteristics of the panels that do not account for the unique nonhomogeneous nature of most satellite equipment panels. Current methods are examined and improved upon utilizing the specific test data presented and through additional computational investigation with Finite Element Analysis ͑FEA͒ and Boundary Element Analysis ͑BEA͒ methods. Figure 2 shows a typical communications satellite equipment panel and is the specific design to be investigated. The basic structure is a sandwich/honeycomb core flat panel with various stiffeners. The attached equipment are complex electronics and associated hardware. These types of equipment are mounted to the panel via inserts embedded in the panel core. The insert core interface is of limited stiffness, thus the reactive effect of the equipment on the master panel is expected to be predominantly mass-like. The measured panel transverse vibration data, from reverberant chamber acoustic testing are acceleration spectral density spectra of two basic types: ͑i͒ panel responses for the panel with ''nonresonant'' lumped mass attachments ͑replacing the electronic equipment overall mass distribution͒, and ͑ii͒ panel responses for the panel with complex equipment attachments ͑as shown in Fig. 2͒ .
II. SEA MODEL FOR PANEL WITH MULTIPLE ATTACHMENTS

A. Model description
The actual mass loadings of these two panels are compared in Table I with the structural properties. ͑Note the total lumped mass loading is somewhat greater than the equipment mass loading in total mass.͒ Additional panel structural detail is given in Fig. 3 . Clearly, the panel assembly is a lightweight stiff structure with many complex attachments to be considered.
In this section a new SEA model is established that will serve as the baseline utilized for all subsequent refinements presented in this investigation. In the new model, the resonant attachment modes are addressed explicitly and each represented as single degree of freedom systems coupled to a finite plate. The associated nonresonant mass of the attachments now becomes part of the panel ''effective mass,'' which this new model framework also explicitly addresses. The new model is then exercised to help identify modeling parameters that require a more detailed investigation. This model will serve as a backbone for incorporating the subsequent detailed parameter investigation results. The basic approach focuses on adding modeling flexibility and allowing response predictions for both panel and attachments.
The equipment-loaded panel is schematically represented in Fig. 4 , with the subsystem parameters defined as ea (), the acoustic volume external power input; E 1 (), E 2 (), E 3 (), the subsystem temporally and spatially averaged total energies; n 1 (), n 2 (), n 3 (), the subsystem modal densities; and i j (), for iϭ j the subsystem damping loss factors, for i j, the coupling loss factor from subsystem i to subsystem j.
Note, ea , , n, and E are all functions of frequency .
Frequency dependence is implied for these quantities throughout the analysis.
B. Acoustic volume response energy and modal density
The temporally averaged energy of the acoustic volume is specified/known through its relationship to the mean square spatial average pressure:
where ͗p 1 2 ͘ϭmeasured acoustic volume-averaged mean square pressure given in Table II : V 1 ϭacoustic system volume, 0 ϭdensity of acoustic medium, and C 0 ϭthe speed of sound in an acoustic medium. The acoustic volume modal density can be approximated as 9 ͑considering the volume term only͒ 
C. Complex panel and equipment mass and modal densities
The partitioning of the equipment and panel dynamic or effective mass over frequency is uncertain since the panel subsystem has an added mass that is based on the nonresonant portion of the attachments. The added equipment mass alters the vibration properties of the panel. At low frequencies ͑below any of the attached equipment resonances͒ the total mass of the panel and equipment will be associated with the modes of the ''built-up'' panel. There will be some transition region through the mid-frequencies with some potential limit reached at higher frequencies, as more equipment mass becomes associated with equipment resonances. The loaded panel modal density is calculated using the panel mass/area as the effective mass including the panel structure and some fraction of the attachment mass.
The sandwich panel transverse or effective bending wave speed is 10 ͑which accounts for transverse shear effects͒:
.
͑3͒
This approximation from Rindell is based on earlier work by Kurtze and Watters, 11 but does not encompass the highfrequency region of single-face sheet bending-dominated waves. The bending and shear waves speeds in Eq. ͑3͒ are
where DϭEt f S (Hϩt f S ) 2 /2(1Ϫ 2 ), the section bending stiffness, Eϭthe face sheet modulus of elasticity, t f S ϭthe face sheet thickness ͑single face sheet͒, Hϭthe core thickness or depth, ϭthe face sheet Poisson's ratio, S ϭ2 f S t f S ϩH c ϩ(nonresonant equipment), the built-up panel mass/area, f S ϭthe face sheet density, c ϭthe core density, and Gϭthe core shear modulusϭͱG R G W , the geometric mean of the ribbon and warp direction values.
The bending wave speed is dispersive and the shear wave speed is not. In addition, when the bending wavelengths are large compared to the thickness; then C B eff reduces to thin plate theory giving C B eff ϳC B .
The panel effective modal density can be written as 10 ͑where A 2 is the panel surface area͒,
The attached resonant equipment is estimated to have a total constant modal density of approximately 0.043 modes/ ͑rad/s͒ that comes from an estimated mode count of 5.0 modes in the 80 Hz one-third octave band. This modal density estimate is based on the attached equipment design criteria ͑most of the equipment is designed to have no resonances below 75 Hz; some are higher͒ and the assumption that the equipment modes are predominantly plate-like. The sensitivity of the overall response prediction with respect to the assumed resonant equipment modal density will be evaluated later in the investigation.
D. Damping loss factors and loss factor definitions
The built-up panel structure damping loss factor is estimated to be The attached resonant equipment average damping loss factor is estimated to be approximately 0.066 ͑0.033 percent critical damping͒. This average value is based upon measurements made on similar types of equipment both in situ ͑on the panels͒ and isolated ͑in a fixed base configuration on a shaker table͒.
The definitions and notations of the various measures of loss factor used in the analysis are now reviewed. Definitions and notations adopted follow recent works by Maidanik et al. [12] [13] [14] [15] [16] The panel and equipment subsystems are shown for an uncoupled system ͑panel only͒ and coupled system ͑panel and attachments͒ in Fig. 5 . The '' 0 '' superscript indicates power input and response energy levels for the un- coupled system. This same uncoupled system input power is also traditionally used in SEA for the coupled system input power, which ignores the effects of the attachments. This work will show that the power input and resulting energy levels for equipment-loaded lightweight panels must consider the effects of the attachments when calculating the external ͑panel͒ input power. The master structure ͑panel͒ damping loss factor in isolation is
where e 0 and E 2 0 are the master structure uncoupled input power and total energy. The adjunct structure ͑attached equipment͒ damping loss factor in isolation is similarly defined and noted simply as 33 .
The apparent added damping to the master structure ͑re-lating the in situ effects of the adjunct structure on the master structure with respect to the external input power͒ for the coupled systems of Fig. 5 is
͑8͒
The induced damping of the master structure in situ is
where e and E 2 are the master structure coupled input power and total energy. Note: Both s and t are meaningful ratios of dimensionless dynamic quantities and can take on values significantly greater than unity, however, they are not true loss factors. 16 The true effective loss factor of the system relates the in situ external input power to the total system energy:
Unlike the induced loss factor t , the effective loss factor e is bounded with asymptotic limits of the ''in isolation'' loss factors of the master structure ( 22 ) and the adjunct structure ( 33 ). These defined loss factors will be contrasted and compared later in the investigation of specific subsystem parameters as applied to equipment-loaded panels.
E. Resonant equipment oscillator model
The model chosen for the resonant equipment, the conceptually simplest available, is that of a simple single degree of freedom system applied to each equipment mode of vibration. Using this description, the coupling from a single oscillator to the panel is given by Lyon 9 as
where ͗G p ͘ is the average panel conductance. Applying Eq.
͑11͒ to a distribution of oscillators ͑resonant equipment modes͒ leads to the average equipment to panel coupling loss factor, 32 ϭ
where M 3 is the total resonant equipment mass, N 3 is the total mode count in the analysis band for the resonant equipment, and ͗G 2 ͘ϭ(/2)(n 2 /M 2 ) is the average panel conductance.
F. Response analysis
The complex equipment-loaded panel is now modeled using SEA ͑Fig. 4͒. The panel structure is coupled to a distribution of oscillators representing the resonant equipment. The acoustic volume pressure is specified leaving two SEA power balance equations 9 describing the panel and equipment responses:
The panel-induced damping now becomes
͑15͒
The SEA power balance equations can now be solved to obtain the subsystem responses.
G. Prediction results
The formulations developed for a panel with multiple attachments are now applied to the equipment-loaded panel. For now, the resonant fraction of equipment mass is assumed to be 1.0 for all frequencies ͑nonresonant equipment mass would be associated with the panel subsystem͒. The equipment panel and acoustic volume properties are as given in Tables I and III . The panel and equipment responses are predicted with the input acoustic volume pressures given in Table II . The total structure mass is used here for the panel mass, that is, the miscellaneous structure mass from Table I has been evenly distributed on the panel as a limp mass. The added mass affects the panel radiation efficiency, for now computed via a generalized form 4 of the NASA Lewis method, 17 by reducing the wave speed ͑also increasing the modal density͒ as well as raising the panel critical frequency. The higher critical frequency results in a lower panel radiation efficiency over much of the frequency band of interest. Figure 6 shows the various system loss factors. In Fig. 6͑a͒ the oscillator damping loss factor is compared to the oscillator to panel coupling loss factor. The coupling loss factor greatly exceeds the damping loss factor, which indicates strong coupling where the oscillator and panel modal energies are nearly equal E 3 /n 3 ХE 2 /n 2 ͑the equipartition of modal energy͒. Figure 6͑b͒ compares the subsystem loss factors. Although the induced panel loss factor reaches a level greater than 0.2, the true system effective loss factor is bounded by the in isolation panel and oscillator levels.
The panel and oscillator predicted average responses are compared with the measured data in Fig. 7 . Although the panel and oscillator predictions are somewhat representative of the measured data, significantly better correlation is desired, especially with respect to the panel average. Less credence is given the measured equipment response since it is a single measurement and is included only for rough comparisons. Various iterations of the assumed parameter values ͑i.e., oscillator/panel mass and modal density ratios, panel radiation efficiency, damping loss factors, etc.͒ show the response to be dependent ͑to varying degrees͒ on these values. In addition, the SEA model does not address the nonhomogeneous stiffness and mass features of the equipment-loaded panel, and thus any of their potential effects on the critical parameters listed.
H. Parameters for detailed investigation
Many of the parameters identified in the previous sections require further investigation in order to enhance the accuracy of the complex structure response predictions. A parametric response sensitivity analysis was performed previously for equipment-loaded lightweight panels. 2 The sensitivity analysis began by first modifying the standard SEA power input based on recent work by Maidanik and Dickey, 12 to account for internal system couplings. The coupled system response parameter sensitivities were then assessed. The key results of the modified input power parameter sensitivity analysis were as follows.
͑i͒
Internal couplings of strongly coupled systems can significantly affect the external input power. ͑ii͒
The panel response is very sensitive to the effective dynamic mass ratio of the equipment/panel ͑attachments/master structure͒ and the equipment internal damping. ͑iii͒ With strongly coupled equipment and an equipment/ panel modal density ratio greater than unity, the response prediction is weakly sensitive to the panel internal damping and equipment/panel modal density ratio.
The modified SEA power input results 2 are presented and applied in Sec. IV of this paper. The nonhomogeneous nature of the panel structure can also significantly affect its radiation coupling, equipment coupling and modal density. These specific parameters are investigated in Sec. III of this paper.
III. REVISED MODELING OF HARDWARE
A. Background on hybrid SEA
The SEA predictions developed in this section are often referred to as ''Hybrid SEA'' applications in that they incor-
porate the formulations of traditional SEA as well as deterministic results from FEA and BEA. When applied to the analysis of complex structural acoustic systems, SEA is often associated with high frequencies and FEA with low frequencies. This segregation often results from balancing practicalities in implementation versus desired confidence in the predictions. Another product of the typical implementation of SEA and FEA is what is commonly referred to as ''The MidFrequency Gap''-the overlapping frequency region, where it is often believed that confidence in both methods separately is low. In recent years several mid-frequency and hybrid or combination approaches have been proposed. Of note are works by Soize, 1 Lu, 18 Langley and Bremner, 19 Shorter, 20 and Manning. 21, 22 The readily tractable approach taken in this chapter using the complex panel vibration characteristics from detailed finite element analyses is analogous to the approach taken by Manning 22 and the utilization of the BEA modal radiation efficiency results also draws from previous work by Manning. 21 In essence, using the FE/BE results to enhance the SEA analysis puts information and detail back into the analysis that was inherently sacrificed by using the SEA method. Once the FE/BE results are obtained, they will be used in a revised SEA model with the goal of better predicting the response trends of equipment and lumped massloaded panels similar to those shown in Fig. 1 .
B. Panel finite element analyses
In this section the commercial finite element code
MSC/NASTRAN
23 is used to analyze the detailed models that accurately characterize the nonhomogeneous panel vibration characteristics. The baseline panel ͑Fig. 3, 90 in.ϫ72.5 in.͒ is modeled using approximately 1870 QUAD4 elements with the properties from Table I to properly characterize the sandwich panel bending and shear characteristics. QUAD elements are also used to model the thermal doublers and BAR elements are used to represent the beam-like features, as shown in Fig. 3 . The finite element analyses are used to compute the panel spatial average conductance and modal density for the four configurations listed in Table IV , which are then compared with asymptotic results obtainable through SEA approaches. The FEA results are obtained by performing modal frequency response analyses ͑SOL111 23 ͒ using unit input point forces, thus obtaining the panel drive point mobilities. Although the response analyses are only performed up to 2500 Hz, the panel modes up to 3500 Hz are included to ensure adequate convergence of the modal summation solution ͑based on convergence studies performed͒. Twelve ''randomly'' distributed points are analyzed, assuming the panel perimeter to have pinned boundary conditions. These same drive points and the baseline panel finite element mesh are used for all the configurations analyzed. Note: previous iterative studies varying the damping used in the FEA response analyses have shown that the computed spatially averaged one third octave band conductance is relatively insensitive to the assumed loss factor for typical values of approximately 0.01-0.05. The panel average conductance ͗G͘ is estimated by spatially averaging the real part of the drive point mobilities. The panel modal density is calculated in two ways for comparison ͑which is of special interest for the configurations with nonhomogeneous features͒. The first method is by counting the modes per band from the finite element analysis, The second method is through the modal density relationship with the average conductance, n͑ f ͒ϭ4M ͗G͘.
͑17͒
Equation ͑17͒ has been derived by Cremer et al. 24 for a homogeneous plate, i.e., with constant surface mass density. Norton 25 has suggested that Eq. ͑17͒ is also applicable to nonhomogeneous plates, where the mass is the total mass of the structural elements, although this is a topic currently under debate in the SEA community. In this work the mass in Eq. ͑17͒ is assumed to be the total mass for the uniform as well as nonhomogeneous structures. Figure 8͑a͒ shows the FE computed conductances for the 12 random locations on the panel. Figure 8͑b͒ shows the good comparison for the uniform panel between the FE spatial and frequency average compared to the typical SEA value ͑note that both formulations include transverse shear effects that become significant above approximately 1000 Hz͒. Figures 8͑c͒-9͑d͒ compare the FE and typical SEA results for configurations 1, 2, and 4 from Table IV.
C. Boundary element analyses
In this section the panel radiation characteristics are investigated. In a SEA analysis the panel radiation efficiency rad is typically used to calculate the panel to acoustic volume coupling via the relation
where A p and M p are the panel area and mass and 0 C 0 is the acoustic medium characteristic impedance ͑and the acoustic volume to panel coupling is calculated using rad along with the consistency relationship͒. The radiation efficiency is thus a critical parameter in the response prediction since it is indicative of the power input to the panel system. The finite element analysis determined panel mode shapes from the previous section are input to the commercial vibroacoustic analysis code SYSNOISE 26 to compute their radiation efficiencies. The panel is assumed baffled and the FEA mode shapes are used to define a velocity boundary condition for BEA in SYSNOISE using the acoustic properties from Table  III . The calculation results from the BEA are of the input power ( i ), output power ( 0 ) and the radiation efficiency ( rad ) and are given as where are the defined panel surface normal velocities ͑in-put͒, p are the solved for surface pressures ͑computed by SYSNOISE͒, S is the panel radiating surface area, and 0 and C 0 are the acoustic medium density and sound speed. The same approach as was taken in the finite element analyses is repeated here when computing the panel modal radiation efficiencies, starting with the simple spatially homogeneous panel and adding in increments the nonhomogeneous complex features. These calculations are made using the mode shapes from the configurations in Table IV well-known result for baffled unloaded panels. Figure 10͑a͒ shows the good comparison between the BE calculated ͑baffled͒ unloaded panel radiation efficiency and Maidanik's result, with the peak occurring at the critical frequency. Figures 10͑b͒ and The simple fit given in Eq. ͑22͒ will be used in subsequent SEA analyses. The Eq. ͑22͒ results are compared to the computed modal values in Fig. 11 . Note this result is for a baffled panel and approximates the equipment panel use as part of a ''closed box'' satellite structure. Additional results have also been reported, 27 evaluating the panel radiation efficiency in both baffled and unbaffled conditions. These results showed below the critical frequency the baffled complex panel radiation efficiency ͑both the total panel structure and lumped mass-loaded panels͒ increases approximately proportional to the frequency where the unbaffled complex panels increase approximately proportional to the frequency squared. Also of note are the results that showed the removal of the baffle for the complex panels results in much less of a radiation efficiency reduction than for the uniform panel ͑more than 6 dB at 30 Hz͒.
D. Summary of FEÕBE results
The results of the finite element analysis show the nonhomogeneous features of this type of complex loaded panel have very significant effects on the built-up panel vibration characteristics. These effects are not readily approximated at all frequencies of concern with any of the SEA asymptotic approaches. However, at high frequencies ͑above approximately 1000 Hz͒ for all the configurations evaluated, the FEA computed one-third octave modal density approaches the SEA value, which considers the stiffness of the panel face sheets and core loaded with the balance of the mass as limp ͑nonstructural͒. The results also show good agreement, for both the uniform as well as nonhomogeneous panels, between the actual mode count derived modal densities and the modal densities derived via the spatial average conductance.
The results from the BE analysis have characterized the baffled radiation efficiencies for the uniform and complex panel designs. The complex panel results show an approximate linear on log-log slope up to approximately 1000 Hz and a shift-up of the apparent critical frequency. The radiation efficiency peaks at about the same frequency for both the complex panels, even though the lumped mass-loaded panel has more than twice the mass of the total panel structure. Below the critical frequency the baffled complex panel radiation efficiency ͑both the total panel structure and lumped mass-loaded panels͒ increases approximately proportional to the frequency.
The results presented clearly show that for complex equipment-loaded panels traditional SEA methods must be augmented with other methods such as FEA/BEA to properly characterize the effects of nonhomogeneous features on vibration and radiation characteristics.
E. Panel with lumped masses
The lumped mass-loaded panel SEA model and response equations are developed in the same fashion as was done for the equipment loaded panel, except now there are no resonant attachments and all the attached mass is additional mass associated with the built up panel, as listed in Table I . It is assumed in this case that the stiffness/mounting preload tension of the lumped mass mounting fasteners are adequate to prevent resonances associated with the masses from occurring below 2000 Hz. Following analogous steps as for the equipment-loaded panel, the lumped mass loaded panel response is
where n 1 is calculated in Eq. ͑2͒: V 1 , 0 , C 0 are from Table   III , ͗p 1 2 ͘ are one-third octave experimental values shown in Table II , 22 is the panel damping loss factor that is assumed to be 0.025 up to 250 Hz, then 0.025(250/f ) 1/2 above 250
Hz, 21 ϭ( 0 C 0 A 2 /M 2 ) rad is the panel radiation loss factor, A 2 is the panel area, M 2 is now the total ͑lumped mass-͒ loaded panel mass in Table I , rad is now the new equipment panel radiation efficiency approximation developed via FEA/ BEA, and n 2 is now the total ͑lumped mass-͒ loaded panel modal density developed via the FEA computed ͗G͘. Figure 12 shows the SEA hybrid prediction along with the measured data for comparison. Overall, the results compare well. At higher frequencies the predicted average is somewhat lower than the measured data. This discrepancy is possibly due to biasing in the measured average ͑high͒ due to the limited acceleration measurements made and their positioning with respect to the attached masses. Many of the accelerometers may have been positioned locally away from the masses, thus at high frequencies sensing the motion of a ''locally unloaded'' panel. Another contributor to the highfrequency observation could be that the actual damping loss factor is significantly lower at high frequencies than the one utilized in the analysis. More data is required to fully resolve this discrepancy at high frequencies.
F. Panel with complex equipment
The results from the parameter investigation are now applied to the SEA model developed for the panel with multiple attached oscillators. As was done for the lumped massloaded panel, the modifications to the SEA model consist of incorporating the FEA/BEA results for the built-up panel modal density/conductance and radiation efficiency. In addition to these modifications, the external input power is also modified to account for the system internal couplings ͑panel to oscillators͒. Recent work 2 has shown the importance of addressing changes in the external input power due to internal couplings when dealing with equipment-loaded lightweight panels. The modified to standard input power ratio is e e 0 ϭ ͩ 1ϩ
where n 2 0 and M 2 0 are the modal density and mass of the master structure in isolation, nϭn 2 0 ϩn 3 2 3 is the effective modal density 12 of the master structure in situ due to coupling to the adjunct structure, M ϭM 2 0 ϩM 3 2 3 is the effective mass 12 of the master structure in situ due to the coupling to the adjunct structure, and 2 3 ϭE 3 /n 3 /E 2 /n 2 ϭ⑀ 3 /⑀ 2 ϭ 32 /( 33 ϩ 32 ) is the ratio of modal powers ͑or modal energy ratios͒ defined as the modal coupling strength.
The modal coupling strength is plotted in Fig. 13 for a typical range of 32 and 33 . The modal coupling strength approaches unity as the coupling becomes very large relative to the damping in the adjunct structure and approaches zero as the coupling becomes very small relative to the adjunct structure damping. Maidanik 12 refers to Eq. ͑24͒ as ''the bridge between weak and strong coupling.'' For similar coupled structures, where n 3 /n 2 ϷM 3 /M 2 , the input power ratio is independent of the modal coupling strength 2 3 and equal to unity ͑this is the assumption made in traditional SEA͒. For a modally rich coupling, where n 3 /n 2 ϾM 3 /M 2 , the input power ratio can be substantially more than unity when the modal coupling strength approaches one. Conversely when the coupling is mass rich, where n 3 /n 2 ϽM 3 /M 2 , the input power ratio can take values substantially less than unity. The modified to standard input power ratio is plotted in Fig. 14 for modally rich coupling. These results illustrate the need to address internal coupling when estimating the external input power to strongly coupled dissimilar structures.
Applying the formulations developed to address the system internal couplings, the modified to standard input power ratio is as given in Eq. ͑24͒. Combining this with the expression for the standard input power 9 ͑plate power input from a diffuse acoustic field͒ gives the modified input power,
͑25͒
The complex equipment panel response ratio ͑modified/ standard͒ can be written as
where n 2 and M 2 are the effective panel modal density and mass from Eq. ͑24͒. 
The loaded equipment panel-induced loss factor is as given in Eq. ͑15͒. The effective system loss factor is given in Eq. ͑10͒, where the modified power input is used along with the modified panel and oscillator energies. The first condition run with the SEA hybrid ͑panel with coupled oscillators͒ model utilizes 100% of the equipment mass as resonant oscillator mass. Although unrealistic, this represents an upper limit and is evaluated first. Figures 15  and 16 show the modal coupling strength, input power ratio, and loss factors calculated for this configuration. Figure 15 shows that accounting for the internal couplings does significantly modify the input power over much of the frequency span of interest, particularly at the mid-to lower-frequencies, where the modal density ratio n 3 /n 2 is highest. Figure 17 shows the individual portions of the SEA hybrid response predictions. The low-frequency ͑up to 125 Hz͒ prediction is based on applying the results from configuration 3 from Table IV ͑no equipment resonant͒ and the broadband results for the panel with oscillators come from configuration 2 from Table IV ͑all equipment resonant͒. Figure 18 combines the two panel predictions for a composite prediction and also shows the average oscillator response. The panel response is higher than the measured data above 200 Hz.
Since all the equipment mass is certainly not resonant for the frequencies of interest, a scenario was evaluated where 25% of the equipment mass was assumed to be resonant. The final result for this case is shown in Fig. 19 . The SEA hybrid result in Fig. 19 shows an improved correlation to the measured data, indicating the importance of the ratio of resonant to nonresonant attachment mass in the panel response. It should be noted that the portion of equipment mass assumed not to be resonant is now included with the effective panel mass when calculating the oscillator to panel coupling and panel response. The FEA computed total panel structure ͑case 2 from Table IV͒ modal density is utilized. The effects of the residual ͑nonresonant͒ part of the components on this modal density is an area for further investigation. As with the lumped mass-loaded panel, there is some discrepancy at the high frequencies. For the equipmentloaded panel the limited measurements were all made directly under critical electronic components; thus at high frequencies the residual mass of the component on the panel could significantly reduce the measured acceleration relative to a true spatial average. Therefore, as with the lumped massloaded panel, more measured data could aid in sorting out this apparent high-frequency discrepancy.
The SEA hybrid method predicted responses show good comparison to the measured data trends for both the lumped mass-loaded panel and the complex equipment-loaded panel. Figure 20 summarizes the SEA hybrid predictions and compares them to the measured data. The significant response trends between the two panels match well with the measured data. This has been accomplished by addressing explicitly the panel vibration, radiation, and attachment coupling in the analysis. Further experimentation will help to better characterize the measured mean levels and evaluate other critical parameters required to improve the models/predictions.
IV. CONCLUSIONS AND RECOMMENDATIONS FOR FUTURE WORK
The current design trends for communications satellites are toward higher power and physically larger structures. This results in more payload in the form of complex electronics mounted on large lightweight panels. These larger panels become more susceptible to acoustically induced high vibration responses during launch. Performing vibroacoustic analyses on these systems to evaluate and ensure design integrity during development is a necessity and the need to include the equipment explicitly in the analysis becomes more important. Typical industry standard methods utilize broad empirical generalizations for the equipment panel properties for incorporation into the SEA analysis and thus cannot discriminate between various types of attachment loading. Measurements for panels loaded with lumped masses ͑that have no modes͒ attached have been shown to be drastically different than those for the same panel loaded with complex equipment ͑that have many modes͒ attached. In this study we explicitly address the attachments and char- A SEA model for panels with multiple attachments was developed establishing the framework for further SEA hybrid model improvements. This SEA model also illustrated the significant effects of coupled or attached subsystems in terms of induced panel system damping. FEA and BEA methods were used to derive procedures for determining realistic parameters to input to the SEA hybrid models. Specifically, conductance/modal density and radiation efficiency for nonhomogeneous panel structures with and without mass loading were computed. The validity of using the spatially averaged conductance of panels with irregular features for deriving the structure modal density was also demonstrated. Maidanik's method of modifying the traditional SEA input power was implemented that illustrates the importance of accounting for system internal couplings when calculating the external input power. The modified input power/ sensitivity analysis results showed the response prediction to be most sensitive to the dynamic mass ratio M equipment /M panel and the attachment internal loss factor. The final response prediction results using the SEA hybrid models developed here show good agreement with the measured data trends.
In this study we have identified several key areas requiring further investigation. More rigorous measurements, from controlled experiments, of the loaded panel vibrations are required to evaluate/reduce any potential spatial bias errors in the averaged data. This is of special importance at the higher frequencies ͑above approximately 500 Hz for the panel considered here͒. This should also be done for panels with different attachment loadings ͑equipment spatial distribution and total mass͒ for analysis correlation and the establishment of empirical loading/response trends. Further experimental and analytical investigation is required to characterize the very critical dynamic mass ratio M equipment /M panel as well as the modal density ratio n equipment /n panel . The initial decay rate methods used by Lalor 28 and Wu and Agren 29 may be useful for experimentally determining the equivalent or effective masses. Direct experimental determination of the in isolation damping loss factors for the panel and attachments as well as the in situ induced damping of the panel when coupled to the attachments would help to further validate the predictive approach derived here and are measurements that could be readily performed using the power injection method, as demonstrated by Bies and Hamid. 30 These loss factors would provide not only the separate subsystem loss characteristics but also the induced losses could be used to derive/infer the coupling loss characteristics of the attachments to the panel. Additional investigation/validation should be performed on the modified input power theory implemented in the analysis. A deterministic analysis or experiment utilizing much simpler attach- Table IV with 25% equipment resonant at high frequencies, and ͑b͒ attachment prediction. ments could help to validate the modified input power implementation. Drive point mobility measurements made on uniform and complex built-up panels would be useful for verifying the modal density results developed in this work. Not only are the built-up structure nonhomogeneous features of concern, the effects of which have been reported in the literature inconsistently, but, in addition, the effects of the honeycomb core cell structure reducing the anticipated measured modal density trends at high frequencies as touched upon by Clarkson and Ranky 31 and more recently by Renji. 32 Additional investigation should be performed with respect to the oscillator model used for representing the resonant equipment. This model is of the simplest form and a more detailed evaluation may yield a more accurate way to describe the resonant attachments. One potential method for addressing the attachments may be as an empirically based ''fuzzy'' impedance term to add to the built-up panel system. Future planned experimentation will show whether this type of approach would be feasible.
Finally, one topic that has not been addressed in this work but nonetheless is of great interest and warrants significant future work is predicting the variability or confidence limits about the SEA predicted average responses. A study on the hardware evaluated in this investigation is currently underway 33 and is focusing on two important aspects of the response variability. Experimentally the ensemble complex panel response variability is being investigated as well as a computational evaluation of the band-averaged panel input power variability.
